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ABSTRACT
Due to the intermittent nature of discharge flow in hermetic compressors, gas pulsation is a major source of noise,
vibration and harshness (NVH) effects. In the presented study on gas pulsation noise of hermetic compressors, a model
was developed where the thermodynamics aspects of the compression process and the vibro-acoustics aspects are
coupled together. The vibro-acoustics submodel is based on finite element method, and it describes the two-way
coupled interaction of compressor cavity acoustics and shell vibration. The thermodynamics submodel is based on
compressor model developed in previous studies, PDSim. It is used to compute the discharge gas pulsations that excite
the cavity. Meanwhile, the acoustics response in the cavity is coupled with the thermodynamics submodel though
proper modeling of discharge valves. Simulations were conducted to validate the models developed in the current
work as well as the to demonstrate how these modeling tools can help compressor manufacturers to gain better
understanding of the physical reasons behind NVH effects of compressors. These tools can also provide guidelines on
NVH oriented design optimization of compressors.

1. INTRODUCTION
The operation of HVAC compressors inevitably yields NVH effects. The mitigation of NVH effects of compressors
is an important factor not only to ensure customer satisfaction, but also to meet noise standards depending on the
application. For a positive displacement compressor, pulsating flow and its interaction with the structure is a major
NVH source. The existing studies on gas pulsation induced noise and vibration in positive displacement compressors
are mostly based on the transfer matrix method (Soedel, 2007), in which gas pulsation is modelled as acoustics
perturbation that propagates in a system consisting of lumped components. Transfer matrix method is capable to
estimate transmission loss of gas pulsation across mufflers (Park et al., 2004). Experiment results have shown the
validity of transfer matrix method in terms of transmission loss prediction (Chen and Huang, 2004). However, in the
operation of compressor, the propagation of gas pulsation is coupled with valve motion, which makes it difficult to
determine the actual cavity response through the muffler. Attempts were also made to coupled valve motion and gas
pulsation. It has been shown that the propagation and reflection of pressure wave affects general performance by
modulation valve motion (Yoshimura et al. 2002). Method of characteristic was used to calculate the propagation and
reflection of pressure waves and agreement with experiment results was shown (Akashi et al., 2000). Finite element
method is yet another tool that has been used to analyze mufflers. Besides transmission loss, which can be predicted
by using transfer matrix method, additional information of muffler acoustic performance was obtained by doing finite
element analysis (Svendsen, 2004). Researchers also noticed that the major source of air-borne noise of hermetic
compressor are the cavity resonances. Cavity resonances of hermetic compressors were experimentally and
numerically analyzed, and modifications of muffler shape were proposed to mitigate the noise induced by cavity
resonances (Suh et al., 1998).
On the other hand, the noise induced by hermetic shell vibration has been extensively studied theoretically. The
coupling between compressor assembly and hermetic shell was theoretically analyzed based on mathematical solution
of shell vibration (Conrad and Soedel, 1992). In the theoretical analysis, the shell was assumed to be of cylindrical
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shape without curved domes. Finite element method was used to analyze the effect of dome shape of hermetic shell
on round radiation (Gillian and Di Flora, 1992).
The studies mentioned above are limited for a specific aspect of compressor. The sound and vibration of compressor
shell, cavity, valve and suction/discharge line have been studied separately. However, a compression process consists
of different phenomena which interact with each other in a short period of time. The gas pulsation noise and vibration
are generated through acoustical response of the compressor cavity as well as vibration response of the hermetic shell,
both of which require modeling of three-dimensional continuous systems. And the thermodynamic processes in the
working chamber(s), the valve motion, gas pulsations in the gas paths, shell vibration and sound radiation are strongly
coupled. Therefore, a comprehensive model that accounts for the mutual effects is necessary to identify viable
solutions for noise reduction.

2. COMPRESSOR MECHANISTIC MODEL
The rotary rolling piston compressor is the reference compressor type under investigation. Rolling piston compressors
usually features either a single or dual-cylinder configurations depending on the capacity range as well as if the
compressor is a single or two-stage. A complete geometric model of rolling piston compressor has been developed
and integrated into the existing PDSim platform (Bell et al., 2020).
The compressor mechanistic model is based on mass and energy conservation of compressor working chamber. Based
on the conservation laws, two ordinary differential equations with respect to crank angle are derived. Temperature 𝑇
and density 𝜌 are used as independent thermodynamic variables. In general, the ordinary differential equations take
the following form:
𝑑𝜌
𝑑𝑇
𝑑𝜌
= 𝑓(𝑡, 𝜌, 𝑚̇),
= 𝑔 (𝑡, 𝜌, 𝑚̇, ),
𝑑𝑡
𝑑𝑡
𝑑𝑡

(1)

where 𝑓 and 𝑔 are linear functions with respect to the variables.
The equations are iteratively solved within a framework based on a core structure that can be readily applied to most
types of positive displacement compressors by modifying the geometric parameters and other features/characteristics
of each machine. The core structure includes working chamber volume calculations, evaluation of leakage flows, heat
transfer within the working chamber, mechanical and frictional losses, suction and discharge valves (where applicable)
and an overall energy balance to account for additional heat losses through the compressor shell.
The compressor mechanistic model has been coupled with vibro-acoustics model. It calculates discharge mass flow
of refrigerant 𝑚̇(𝑡). Then the mass flow of refrigerant is converted into the strength of acoustics sources that excite
the cavity within compressor shell

3. VIBRO-ACOUSTICS MODEL
The vibration of hermetic compressors induced by discharge gas pulsation is a fluid-structure interaction phenomenon.
The cavity is simultaneously excited by both the refrigerant gas discharge and the vibrating hermetic shell. Meanwhile,
the hermetic shell is excited by the acoustic field in the cavity which, in turn, depends on the shell vibration itself.
Specifically, a vibrating shell displaces the fluid in the cavity, so the motion of shell vibration can be modelled as a
distribution of volume sources on the outer boundary of the cavity. Similarly, the cavity sound pressure on the inner
boundary of the shell can be modelled as distributed load defined on boundary surface.
The mathematical formulations that govern thin shell vibration and cavity resonance are known as Love’s equation
and wave equation respectively (Fahy and Gardonio, 2007). Love’s equation consists of five partial differential
equations, among which three equations are independent and two equations are compatibility equations. A concise
form of Love’s equation is:
𝐿[𝒖] + 𝜌ℎ

𝜕2𝒖
= 𝒇,
𝜕𝑡 2

(2)

where 𝒖 is shell displacement, 𝒇 is fluid loading for current study, and 𝐿 is a linear differential operator with respect
to space. The governing equation for cavity resonance is simply wave equation:
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1 𝜕2𝜙
− ∇2 𝜙 = 𝑞,
𝑐 2 𝜕𝑡 2

(3)

where 𝜙 denotes particle velocity potential, 𝑞 is the source term that represent the excitation of the cavity, which, in
the current study, is related to the strength of the refrigerant flow rate or pressure pulsation at the discharge end of a
compressor, as well as the equivalent source induced by shell vibration.

Muffler

Figure 1: Typical structure of a rolling piston compressor
Apparently, the effects of fluid-structure interaction are contained in the right-hand side of equation (2) and equation
(3). There are two strategies in handling fluid-structure interaction: one-way coupling and two-way coupling. In oneway coupling, the exterior shell is assumed to be rigid wall when computing the sound pressure in the cavity, then the
pressure distribution on the interior wall of the shell is used as the excitation to the shell. In two-way coupling, the
cavity is excited by the source inside it as well as the vibrating shell simultaneously, while the shell is excited by the
cavity, whose response in turn affects the response of the cavity. The two-way coupling better reflects the actual
physics, whereas one-way coupling computation is faster, and the theoretically exact solution of one-way coupling
can be found. The assumption behind one-way coupling is that the cavity response induced by shell is negligible.
Assuming orthogonal modes of shell and cavity can be found, the projection of equation (2) and (3) onto orthogonal
modes yields a set of ordinary differential equation of modal participation factors:
2
𝜂̈ 𝑚 + 𝜔𝑚
𝜂𝑚 =

𝜉𝑛̈ +

∬𝑆(𝑓1 𝑈1𝑚 + 𝑓2 𝑈2𝑚 + 𝑓3 𝑈3𝑚 )𝑑𝑆 𝜌0 ∑𝑛 𝜉𝑛̇ ∬𝑆 𝛷𝑛 (𝑈1𝑚 + 𝑈2𝑚 + 𝑈3𝑚 )𝑑𝑆
,
2
2
2 )𝑑𝑆 −
2
2
2 )𝑑𝑆
𝜌ℎ ∬𝑆(𝑈1𝑚
+ 𝑈2𝑚
+ 𝑈3𝑚
𝜌ℎ ∬𝑆(𝑈1𝑚
+ 𝑈2𝑚
+ 𝑈3𝑚

𝜔𝑛2 𝜉𝑛

=

−𝑐02 ∭𝑉 𝑞𝛷𝑛 𝑑𝑉
∭𝑉 𝛷𝑛2 𝑑𝑉

−

𝑐02 ∑𝑚 𝜂̇ 𝑚 ∬𝑆 𝛷𝑛 (𝑈1𝑚 + 𝑈2𝑚 + 𝑈3𝑚 )𝑑𝑆
∭𝑉 𝛷𝑛2 𝑑𝑉

(4)

.

In both equations, the integral
∬ 𝛷𝑛 (𝑈1𝑚 + 𝑈2𝑚 + 𝑈3𝑚 )𝑑𝑆
𝑆

appears on the right-hand side. This is the integral of the product of a cavity mode and a shell mode on shell surface,
which indicates the extent of coupling between a cavity mode and a shell mode. If the estimated magnitude of this
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coupling terms is small, the one-way coupling approach can be implemented. For one-way coupling, either the
structure or the fluid is driven merely by external excitation, so one of equations (4) can be solved without considering
coupling effect. After one of solution of equations (4) is obtained, it is substituted into the coupling term of the other
equation as a known term. In our study, a numerical simulation of the cavity-shell coupled response were performed.
The result indicated that the shell vibration displacement is significantly larger for one-way coupling than it is for twoway coupling. The difference in shell response suggests that the two-way coupling assumption is necessary for the
study of compressor gas pulsation noise and vibration.

4. VALVE MODEL
Valve motion is a key factor that determines the gas pulsation pressure and flow rate at the ports and, in turn,
determines the noise and vibration due to gas pulsations. In terms of thermodynamic process, the discharge valve
model reacts to the compression process inside the working chamber and calculates the mass flow rate through the
port. On the other hand, in terms of acoustics, the discharge valve motion is a key factor that determines the gas
pulsation pressure and flow rate at the ports and, in turn, influences the noise and vibration due to discharge gas
pulsations. The importance of discharge valve suggests that an accurate valve dynamics model is necessary to predict
accurate discharge gas pulsation noise from compressors.
The original compressor mechanistic model integrated a simple valve model, in which the gas pulsation profile and
the flow rate are calculated based on assumption that the pressure at the back side of the valve plate is mean discharge
pressure (i.e., the mean pressure in the compressor cavity). However, it is only a simplified treatment, since two other
fluctuating pressure components are not included: (1) the pressure difference introduced by gas flowing from one side
of the valve plate to the other side and (2) the pressure applied at the back side in the form of acoustic wave in the
cavity. The effects of these two addition pressure components will be considered in the improved valve model.

4.1 Forces Applied on the Valve
The force 𝐹(𝑡) is exerted on a certain point on the valve. The exact form of 𝐹(𝑡) is given by:
𝐹(𝑡) =

1
𝐴𝐶 𝜌𝑢2 + 𝜌𝐴𝑢2 + (𝑝ℎ − 𝑝𝑙 ) + 𝑝𝑎 ,
2 𝐷

1

where the first term 𝐴𝐶𝐷 𝜌𝑢2 is the drag force induced by the gas flow, the second term 𝜌𝐴𝑢2 stems from deceleration
2
of the flow, the third term (𝑝ℎ − 𝑝𝑙 ) is the pressure difference between discharge gas and cavity gas and the last term
𝑝𝑎 represent the additional pressure difference causing by cavity sound field and indicates the coupling between
compression cycle and cavity sound field. 𝑝𝑎 is induced by the pulsating mass flow going through the valve,
meanwhile it affects the dynamics of the valve that modulate the gas flow.
The significance of term 𝜌𝐴𝑢2 and (𝑝ℎ − 𝑝𝑙 ) varies as valve opening changes. When the opening is small, the
pressure difference dominates, and the momentum decrease of gas is negligible. When the valve opening is large, on
the contrary, the pressure difference tends to be equalized and the flow momentum decrease becomes significant.

4.2 Valve Dynamics
In our application, the reed valves of compressors are modelled as cantilever beams. The equation and boundary
conditions that describe the forced vibration of a cantilever beam is:
𝐸𝐼

𝜕4𝑢
𝜕2𝑢
𝜕𝑢
+
𝜌𝐴
+𝜆
= 𝐹(𝑡)𝛿(𝑥 − 𝑥0 ),
4
2
𝜕𝑥
𝜕𝑡
𝜕𝑡
𝜕𝑢
(0, 𝑡) = 0
𝜕𝑥
𝐵. 𝐶. { 2
.
𝜕 𝑢
𝜕3𝑢
(𝐿,
(𝐿,
𝑡)
=
𝑡)
=
0
𝜕𝑥 2
𝜕𝑥 3
𝑢(0, 𝑡) =

(5)

In the right-hand side of equation (5), 𝐹 is the excitation that consists of gas flow momentum, pressure difference the
valve port, drag force and the pressure difference induced by the acoustics wave within the cavity.
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Figure 2: reed valve (left) and cantilever beam (right)
By using the method of separation of variables, the forced response valve reed can be expressed in terms of a
combination of modes. If 𝑁𝑣 valve modes are considered, modal expansion will result in a 𝑁𝑣 2nd order linear ODE’s.
In the following formulation, every 2 nd order equation is formulated as a system of two 1 st order ODE’s for the
convenience of model integration. The consistency of equation order allows us to solve the whole problem
conveniently by means of numerical integration. The formulation for valve dynamic is:
𝑑𝜂𝑣,𝑘
= 𝜉𝑣,𝑘 ,
𝑑𝑡
𝑑𝜉𝑣,𝑘
2
= 𝐹𝑣,𝑘 (𝜌, 𝑝(𝜌, 𝑇), 𝑚̇, 𝑝𝑎 ) − 2𝜁𝑘 𝜔𝑣,𝑘 𝜉𝑣,𝑘 − 𝜔𝑣,𝑘
𝜂𝑣,𝑘 ,
𝑑𝑡

(6)

𝑁𝑣

𝑢 = ∑ 𝑋𝑘 𝜂𝑣,𝑘 .
𝑘

where 𝜂𝑣,𝑘 is the modal participation factor, 𝑋𝑘 is k-th valve mode, 𝜔𝑣,𝑘 is the resonance frequency of mode 𝑋𝑘 , 𝐹𝑣,𝑘
and 𝜁𝑘 are load and damping for mode 𝑋𝑘 .

4.3 Refrigerant Gas Flow Model
The purpose of developing a valve model is to calculate the instantaneous mass flow going through the valve. The
pulsating mass flow excites the cavity as a volume source. Moreover, in the control volume analysis used in the
compressor model, the mass flow going across control volume boundaries is a key component in either mass or energy
conservation equation.
The mass flow rate calculation is based on 1-D isentropic flow theory. The valve port is treated as a diverging nozzle
and the flow is driven by the pressure difference and goes through the valve port. The nozzle throat is the location
where the cross-section area along the flow path reaches minimum. The throat location also depends on the extent of
valve opening. According to compressible flow theories, the mass flow rate through the valve is:

𝑚̇ =

1
𝐶𝑣𝑎𝑙𝑣𝑒 𝐴(2𝜌ℎ 𝑝ℎ )2

2

𝛾
𝑝𝑙 𝛾
𝑝𝑙
{
[( ) − ( )
𝛾 − 1 𝑝ℎ
𝑝ℎ

𝛾+1
𝛾

1
2

]} ,

(7)

where 𝐶𝑣𝑎𝑙𝑣𝑒 is an empirical flow coefficient, 𝛾 is specific heat ratio, 𝑝ℎ and 𝜌ℎ are in-cylinder properties and 𝑝𝑙 is the
back pressure The nozzle is said to be choked as pressure ratio reaches
−𝛾

𝑝𝑙
𝑝ℎ

= (1 +

𝛾−1 𝛾−1
) .
2

The mass flow rate reaches the maximum as the flow is choked, and it does not change anymore even if the back
pressure 𝑝𝑙 decreases further.
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5. MODEL INTEGRATION
Model integration means the vibro-acoustic model and compressor mechanistic model working together. In the vibroacoustic model, the mass flow rate of refrigerant given by compressor mechanistic model is used as the excitation to
the model. The vibro-acoustic model then gives an acoustic load applied on the discharge valve and affects valve
dynamics in return. A rigorous mathematical description helps us tackling the mutual interaction between vibroacoustic model and compressor mechanistic model.
By using intermediate variable, the order of equation (4) can be lowered. Equation (4) can be formulated as a set of
1st order ODE’s:
𝑑𝜂𝑠,𝑛
= 𝜉𝑠,𝑛 ,
𝑑𝑡

𝑑𝜂𝑐,𝑚
= 𝜉𝑐,𝑚 ,
𝑑𝑡

𝑑𝜉𝑠,𝑛
2
= ∑ 𝐶𝑠,𝑛𝑚 𝜉𝑐,𝑚 − 𝜔𝑠,𝑛
𝜂𝑠,𝑛 ,
𝑑𝑡

𝑑𝜉𝑐,𝑚
2
= 𝑄𝑚 (𝑚̇) + ∑ 𝐶𝑐,𝑚𝑛 𝜉𝑠,𝑛 − 𝜔𝑐,𝑚
𝜂𝑐,𝑚 ,
𝑑𝑡

𝑁𝑠

𝑛

𝑁𝑐

𝑁𝑠

𝑤 = ∑ 𝑊𝑛 𝜂𝑠,𝑛 ,

𝜙 = ∑ 𝛷𝑚 𝜂𝑐,𝑚 ,

𝑛

(8)

𝑚

𝑁𝑐

𝑝𝑎 = −𝜌0

𝑚

𝜕𝜙
,
𝜕𝑡

where subscripts 𝑠 and 𝑐 correspond to shell and cavity respectively. 𝑤 and 𝜙 are shell displacement and cavity
velocity potential. 𝑊𝑛 and 𝛷𝑚 are n-th and m-th shell and cavity modes. 𝜂𝑠,𝑛 and 𝜂𝑐,𝑚 are modal participation factors
of shell and cavity modes. 𝑁𝑠 and 𝑁𝑐 are the numbers of shell and cavity modes. The coupling between shell and
𝑁
𝑁
cavity are reflected in the coupling terms ∑𝑛 𝑠 𝐶𝑠,𝑛𝑚 𝜉𝑐,𝑚 and ∑𝑚𝑐 𝐶𝑐,𝑚𝑛 𝜉𝑠,𝑛 .
By combining equation (1), (6), (7) and (8) together, a system of 2(𝑁𝑣 + 𝑁𝑠 + 𝑁𝑐 ) + 7 equations is obtained, with
unknowns 𝜌, 𝑇, 𝑚̇, 𝑝𝑎 , 𝑢, 𝑤, 𝜙, 𝜂𝑣,𝑘 , 𝜉𝑣,𝑘 , 𝜂𝑠,𝑛 , 𝜉𝑠,𝑛 , 𝜂𝑐,𝑚 , 𝜉𝑐,𝑚 . The number of unknown variables is the same as the
number of equations. The complete mathematical formulation allows the whole system to be solved simultaneously
by means of numerical integration.
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Figure 3: Discharge flows velocity for upper chamber (a) and lower chamber (b)
One-sided Fourier coefficients of discharge flows velocity for upper chamber (c) and lower chamber (d)
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6. RESULTS AND DISCUSSION
6.1 Discharge Mass Flow Variation
The compressor mechanistic model generates the discharge mass flow variation over a cycle of operation. The periodic
mass flow variation is used as the input of the vibro-acoustics model. The corresponding frequency response is
computed. The operation of compressor is at 3600 rpm. The data obtained from compressor mechanistic model can
be accordingly transformed to time histories sampled at 491520 Hz. For each set of data, 8192 samples are generated.
The samples of instantaneous mass flow though discharge valve is shown in Figure 3. The DC components of signals
shown in Figure 3(a) and 3(b) were neglected. The samples cover one exact cycle of compressor operation, so that
Fourier coefficients can be estimated by doing DFT. Fourier coefficients in Figure 3(c) and 3(d) shows distinct peak
at 60 Hz, which is the operation frequency of the compressor.

(a) f=120 Hz

(b) f=300 Hz

(c) f=960 Hz

(d) f=120 Hz

(e) f=300 Hz

(f) f=960 Hz

Figure 4: Frequency response of shell ((a), (b), (c)) and cavity ((d), (e), (f))
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6.2 Finite Element Analysis of Cavity, Shell and Exterior Fluid
A numerical simulation of the cavity-shell coupled response were performed using a geometry that is simplified based
on the actual geometry of a parallel dual-cylinder rotary compressor. The working fluid in the cavity is R-410a and
the shell is made of steel with 3.5 mm thickness. The upper and lower cavities are connected by 9 channels between
motor coils. The monopole excitation is located approximately at the discharge port of the upper muffler, from which
high-pressure refrigerant is discharged into the lower cavity. The magnitude of monopole is computed based on
discharge velocities. The frequency range of analysis is 60 Hz-1200 Hz. Results at 120 Hz, 300 Hz and 960 Hz are
shown in Figure 4. Relatively large response occurs on the two caps of the shell, whereas the response on the shell
side wall is less significant, except for the response at f = 300 Hz (Fig. 4(b)). The cap responses between 60 Hz and
900 Hz are similar to the pattern of (0,0) circular membrane mode like what is shown in Fig. 4(a). At frequencies
higher than 900 Hz, the dominant mode of upper cap becomes the (1,0) circular membrane mode, while on the lower
cap the (0,0) circular membrane mode is still the dominant mode. The pattern of frequency response of shell indicates
that the two shell caps are major sound radiators. From the noise reduction point of view, the noise radiated by the
shell can be mitigated by either changing mass or stiffness of caps to avoid cap resonance or adding damping
mechanism.
The vibrating outer surface of the shell is an excitation to the exterior fluid. The technique of infinite element is used
in the computation of exterior acoustics. Figure 5 shows the frequency response in finite element domain of exterior
fluid. The hot spots also confirm that the shell caps are the major noise radiator.

(a) f=120 Hz

(b) f=300 Hz

(c) f=960 Hz

Figure 5: Frequency response of exterior fluid
Outside the finite element domain, virtual microphones are set in X-Y, Y-Z and Z-X planes at 𝑟 = 0.5 m, 𝑟 = 1 m
and 𝑟 = 5 m. Figure 6 shows the virtual microphone set located at 𝑟 = 0.5 m. The directivity pattern at 120 Hz, 300
Hz and 960 Hz are shown in Figure 7. At 120 Hz and 300 Hz, the exterior radiation is of uniform pattern, which is a
result of (0,0) circular membrane mode shown in Fig. 5(a). The radiation at 960 Hz shows distinct directivity because
of more complex shapes of higher order shell modes. The large response on shell side wall at 300 Hz also induces
greater noise radiation in X-Y plane, which is about 20 times greater than side radiation at 120 Hz and 960 Hz in terms
of sound pressure. The differences of exterior radiation pattern potentially suggest different structure modifications to
mitigate NVH effects.
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Figure 6: Virtual microphones at r = 0.5 m

7. CONCLUSION
A comprehensive theoretical model that couples the thermodynamic and mechanical aspects of the compression
process with the structural and acoustic parts, with a focus on noise and vibration induced by gas pulsation is
developed. Vibration of shell and cavity resonances of hermetic compressors are analyzed theoretically. The
compressor modelling for rolling piston compressor in PDSim platform is done, and the discharge variations at the
two discharge valves are obtained from the compressor mechanistic model. Coupled analysis between the compressor
model and the vibro-acoustics model is done by feeding the mass flow variation obtained from PDSim into the twoway coupled vibro-acoustics simulation. The valve model has been developed to resolve the dynamics of the reed
valves in compressors and serves as the component that couples the compression cycle and cavity acoustics field. The
structure-fluid coupled vibration was studied and some simulation results were obtained using a simplified geometry
of a hermetic compressor.

NOMENCLATURE
DFT
HVAC
NVH
ODE

discrete Fourier transform
heating, ventilation, and air conditioning
noise, vibration and harshness
ordinary differential equation

Subscript
c
s
v

cavity
shell
valve
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Figure 7: Exterior sound pressure directivity
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